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This study proposes a clearance, deformation, and friction numerical analysis method for cycloidal drives (CDFM) 
to design and optimize. The proposed method considers clearance, deformation, and friction while providing high 
computational efficiency for multi-parameter optimization design. Performances such as accuracy, backlash, 
stiffness, load capacity, and efficiency can be predicted, making this method an effective solution for optimizing 
cycloidal drives for high-performance robots. This study conducts simulation experiments on cycloidal drives 
with different parameters, and the results provide valuable insights into the effects of geometric deviations, 
teeth numbers, and friction coefficients on the performances of cycloidal drives. This proposed method is an 
efficient and effective solution for modeling and simulating cycloidal drive performance, especially transmission 
efficiency. It provides valuable insights into designing and optimizing cycloidal drives for high-performance 
robots.
1. Introduction

Cycloidal drives are a high-performance precise transmission tech-

nology characterized by compact size, rigidity, high reduction ratio, and 
high load capacity. They have been extensively employed in various 
industrial fields, particularly heavy-duty machinery, mining, machine 
tools, and industrial robots that demand high load capacity and preci-

sion transmission [1–3]. In robotics, cycloidal drives are often utilized 
as RV reducers to construct robot joints with high precision, rigidity, 
and load capacity [4]. Moreover, recent robotic research has revealed 
that due to the cycloidal drive’s high reduction ratio, impact resistance, 
and efficiency, it is also suitable for a wide range of new compliant 
robots, such as collaborative robots, exoskeleton robots, and legged 
robots [5–10].

Cycloidal drives are essentially specialized planetary transmissions 
that utilize a pin gear as the internal gear, cycloidal gears as the plan-

etary gears, and a planetary carrier in the form of an eccentric shaft as 
the power input. Various studies have derived the ideal cycloidal gear 
tooth profile equation using different methods [11–13]. In an ideal cy-

cloidal drive, all roller pins contact the cycloidal gear, and about half 
the roller pins bear the load. The teeth in the pin gear are typically 
designed as a rolling structure (roller pins) to transform the sliding 
friction of tooth contact into rolling friction, thereby improving trans-
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mission efficiency. However, cycloidal gear transmissions often require 
intentional clearance design due to manufacturing deviations, thermal 
deformation, lubrication, and assembly [14]. Furthermore, limitations 
in machining accuracy can give rise to minor geometric parameter de-

viations, which also lead to clearances.

Simulation modeling and analysis play a crucial role in the design 
of cycloidal drives. In some early studies, parameter analysis was con-

ducted using ideal models without clearances [15,16]. More recent 
research has underscored the importance of clearances in the analy-

sis of cycloidal drives and has taken into account various factors, such 
as the modified shape of the cycloidal drive [17], eccentricity deviation 
[18], output shaft deviation [19], and machining tolerances [20]. These 
factors can all impact the performance indicators of the drive in terms 
of accuracy, stiffness, load capacity, and backlash.

Compared to analyzing other performance aspects, assessing the ef-

ficiency of cycloidal drives presents greater challenges. Some studies 
have utilized ideal models without clearances to analyze frictional situ-

ations [15,21]. Other researchers have calculated contact forces in ideal 
models and estimated the number of actual meshing teeth to compute 
frictional losses [22]. Certain researchers have employed approximate 
modeling methods similar to bearing efficiency [23]. Some studies have 
estimated meshing efficiency to determine overall efficiency [23–25]. 
Due to the simplification of clearance conditions and various approxi-
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Fig. 1. The structure of a cycloidal drive.
mations, these efficiency analyses cannot accurately reflect the impact 
of design parameters on efficiency and are suitable only for rough ef-

ficiency estimates. On the basis of efficiency analysis methods, some 
researchers have also paid attention to the efficiency of special cycloid 
drive forms such as multi-stage cycloid drives and given application 
software [26,27].

In addition, many researchers have abandoned the method based 
on formulas and analytical solutions and turned to a more direct nu-

merical solution method. Without considering the contact force, some 
researchers have proposed the transmission accuracy analysis method 
of cycloidal tooth profile discretization combined with the Monte Carlo 
method [28]; considering the contact force, many researchers choose 
the finite element analysis (FEA) method to solve the influence of 
clearances, friction, and other factors [29–31]. However, the compu-

tational efficiency of FEA is typically low, making it less suitable for 
optimization design and other applications that entail multi-parameter 
adjustments.

Traditional industrial cycloidal drive products often fail to meet the 
application requirements of new high-performance and flexible robots. 
Consequently, robotic researchers frequently design and manufacture 
cycloidal drives with the required performance independently, which 
needs detailed modeling and analysis of cycloidal drive performance, 
particularly their efficiency, to guide the design process. This paper pro-

poses a quasi-static numerical modeling and analysis method (CDFM) 
that thoroughly accounts for clearances caused by geometric parame-

ter deviations of each cycloidal drive component, contact deformation, 
and contact frictional forces between components. The method effi-

ciently and accurately resolves the detailed contact deformation, con-

tact forces, and contact frictional forces of each component of a given 
cycloidal drive, predicting key performance indicators such as transmis-

sion accuracy, stiffness, load capacity, and efficiency. Additionally, as a 
demonstration, this paper employs this method to simulate the cycloidal 
drive under various parameters.

Section 2 defines the geometric parameters of the cycloidal drive 
with clearances. Section 3 presents the analysis method for the cycloidal 
drive. Simulation experiments for cycloidal drives with different param-

eters are conducted in Section 4. Finally, this paper is summarized, and 
future work is outlined in Section 5.

2. Geometric parameters of a cycloidal drive with clearances

A typical cycloidal drive consists of four key components: an eccen-

tric shaft (E), cycloidal gears (C), a pin gear (P), and an output disk 
(W), as illustrated in Fig. 1. Typically, the eccentric shaft serves as the 
input shaft with an eccentricity distance 𝑒. The cycloidal gear employs 
a curtate epicycloid tooth profile; for dynamic balance, two cycloidal 
gears are often symmetrically arranged. The pin gear comprises evenly 
spaced roller pins, with the radius and distribution radius represented 
as 𝑟𝑝 and 𝑅𝑝, respectively. Generally, the number of teeth on the cy-

cloidal gear, denoted by 𝑧𝑐 , conforms to the relationship 𝑧𝑝 = 𝑧𝑐 + 1, 
404

where 𝑧𝑝 denotes the number of roller pins on the pin gear. The output 
Fig. 2. (a) Configuration A, and (b) Configuration B.

disk, which transmits the rotational motion of the cycloidal gear, can 
assume various designs. A widely adopted configuration is the output 
pins structure, where the pin-holes (radius 𝑟𝑤ℎ) on the cycloidal gear 
align with the same distribution radius 𝑅𝑤ℎ as the output pins (radius 
𝑟𝑤) on the output disk. The number of the output pins is given by 𝑧𝑤, 
satisfying

𝑟𝑤ℎ − 𝑟𝑤 = 𝑒. (1)

The cycloidal drive’s input speed and output speed are denoted by 
𝜔𝑖𝑛 and 𝜔𝑜𝑢𝑡, respectively. In practical applications, the output disk is 
not always used as the power output. When the cycloidal drive is config-

ured with configuration A, “pin gear fixed, output disk outputs” (shown 
in Fig. 2(a)), the theoretical transmission ratio of the cycloidal drive is:

𝐼𝑒𝑤 =
𝜔𝑖𝑛

𝜔𝑜𝑢𝑡

=
−𝑧𝑐

𝑧𝑝 − 𝑧𝑐
= −𝑧𝑐. (2)

When the cycloidal drive is configured with configuration B, “out-

put disk fixed, pin gear outputs” (shown in Fig. 2(b)), the theoretical 
transmission ratio of the cycloidal drive is:

𝐼𝑒𝑝 =
𝜔𝑖𝑛

𝜔𝑜𝑢𝑡

=
𝑧𝑝

𝑧𝑝 − 𝑧𝑐
= 𝑧𝑝. (3)

It should be noted that this study focuses on configuration B, which 
is the same configuration used in previous work [24]. The methods and 
conclusions in this study also apply to configuration A, and the two 
configurations are interchangeable.

In Fig. 3, the bearings in the cycloidal drive are simplified, the radius 
of the input shaft is denoted by 𝑟𝑒, and the equivalent bearing radius of 
the eccentric shaft in contact with the cycloidal gear is denoted by 𝑟𝑒𝑐 . 
The curve of the cycloidal gear can be obtained by solving the envelope 
motion of the pin gear teeth using the gear meshing principle [32].

The actual geometrical parameters of the cycloidal drive usually 
deviate from the theoretical values, leading to clearances, and such 

deviations are present in each component. Each pair of contacting com-
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Fig. 3. The coordinate system of the cycloidal drive.

Fig. 4. (a) Actual deviations case, and (b) simplified deviations case in this 
article.

ponents has relative deviations. However, only the geometric deviations 
of one component in each pair are necessary for analysis. In this study, 
we will consider the eccentric shaft deviation Δ𝑒, the radius and distri-

bution radius deviations of the pin-hole Δ𝑟𝑤ℎ and Δ𝑅𝑤ℎ, and the pin 
gear geometric deviations Δ𝑟𝑝 and Δ𝑅𝑝. In practice, the priority is usu-

ally given to active trimming of the cycloidal gears. In analyzing the 
deviations between the cycloidal gear and the pin gear, Δ𝑟𝑝 and Δ𝑅𝑝

will be applied to the parameters of the cycloidal gear instead of the 
actual pin gear. Fig. 5 shows the geometric parameters of the cycloidal 
drive with deviations.

It is important to note that the output pin is not necessarily uni-

formly distributed. The method proposed in this study is versatile and 
applicable to scenarios involving non-uniform pin distributions.

In practice, the deviations of a pin on the plane include positional 
deviations in two directions on the plane and the positional deviation 
of a point on the contour (circularity), as shown in Fig. 4(a). In order to 
conveniently describe its positional deviations and unify the simulation 
of different parameters, we simplify the deviations into distribution ra-

dius deviation and radius deviation, as shown in Fig. 4(b). It should be 
405

noted that the CDFM is not limited to simplified deviation; its input is 
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Fig. 5. The geometric parameters with deviations in a cycloidal drive.

the coordinates of points on the pin, and more complex deviations can 
also be implemented by superimposing deviations in the coordinates of 
points.

Suppose a more detailed deviation model is desired, we suggest that, 
during the application of the CDFM, the deviation pattern be altered to 
random deviations within a specified range, which are then superim-

posed onto point coordinates and incorporated into the calculations.

Assuming the state shown in Fig. 3 is the initial state, we define 
the eccentric shaft, cycloidal gear, and pin gear rotation angles as 𝜃𝑒, 
𝜃𝑐 , and 𝜃𝑝, respectively. In this study, we define the counter-clockwise 
direction as positive and use “mm” as the unit of displacement and 
dimension, “N” as the unit of force, “MPa” as the unit of stress, and 
“Nmm” as the unit of torque in calculations. For display purposes, the 
torque unit in the charts is “Nm”.

In Fig. 3, we establish a coordinate system for a cycloidal drive, 
where the output disk coordinate system 𝑺𝑤{𝑂𝑤, 𝑋𝑤, 𝑌𝑤} is a fixed 
absolute coordinate system. In order to facilitate the calculation of rele-

vant collision relationships, it is necessary to transform the points under 
the cycloidal gear coordinate system 𝑺𝑐{𝑂𝑐, 𝑋𝑐, 𝑌𝑐} and the pin gear 
coordinate system 𝑺𝑝{𝑂𝑝, 𝑋𝑝, 𝑌𝑝} into the 𝑺𝑤.

The displacement matrix for the transformation from 𝑺𝑐 to 𝑺𝑤 is 
given by

𝐑𝑤
𝑐
=
[
cos𝜃𝑐 −sin𝜃𝑐
sin𝜃𝑐 cos𝜃𝑐

]
, 𝐏𝑤

𝑐
=
[
−(𝑒+Δ𝑒) sin𝜃𝑒
(𝑒+Δ𝑒) cos𝜃𝑒

]
. (4)

The origin of 𝑺𝑝 coincides with 𝑺𝑤, and the rotation matrix of the 
transformation from 𝑺𝑝 to 𝑺𝑤 is given by

𝐑𝑤
𝑝
=
[
cos𝜃𝑝 −sin𝜃𝑝
sin𝜃𝑝 cos𝜃𝑝

]
. (5)

2.1. In the cycloidal gear coordinate system

The coordinates of a point on the curve of the cycloidal gear are 

given by:
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[
𝑥𝑐
𝑐

𝑦𝑐
𝑐

]
=

⎡⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

(𝑅𝑝 +Δ𝑅𝑝) sin𝜑𝑐 − 𝑒 sin𝑧𝑝𝜑𝑐

+
[
𝐾1 sin𝑧𝑝𝜑𝑐 − sin𝜑𝑐

]
(𝑟𝑝 +Δ𝑟𝑝)√

1 +𝐾2
1 − 2𝐾1 cos𝑧𝑐𝜑𝑐

(𝑅𝑝 +Δ𝑅𝑝) cos𝜑𝑐 − 𝑒 cos𝑧𝑝𝜑𝑐

+
[
𝐾1 cos𝑧𝑝𝜑𝑐 − cos𝜑𝑐

]
(𝑟𝑝 +Δ𝑟𝑝)√

1 +𝐾2
1 − 2𝐾1 cos𝑧𝑐𝜑𝑐

⎤⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦
, (6)

where the curtate coefficient 𝐾1 is denoted by

𝐾1 =
𝑒𝑧𝑝

𝑅𝑝 +Δ𝑅𝑝

. (7)

The normal direction at a point on the curve of the cycloidal gear is 
given by:

[
𝑥𝑐
𝑐𝑛

𝑦𝑐
𝑐𝑛

]
=

⎡⎢⎢⎢⎢⎢⎣

𝑥𝑐
𝑐
− 𝑧𝑐𝑒𝑠𝑖𝑛𝑧𝑝𝜑𝑐√

[𝑥𝑐
𝑐
− 𝑧𝑐𝑒𝑠𝑖𝑛𝑧𝑝𝜑𝑐]2 + [𝑦𝑐

𝑐
− 𝑧𝑐𝑒𝑐𝑜𝑠𝑧𝑝𝜑𝑐]2

𝑦𝑐
𝑐
− 𝑧𝑐𝑒𝑐𝑜𝑠𝑧𝑝𝜑𝑐√

[𝑥𝑐
𝑐
− 𝑧𝑐𝑒𝑠𝑖𝑛𝑧𝑝𝜑𝑐]2 + [𝑦𝑐

𝑐
− 𝑧𝑐𝑒𝑐𝑜𝑠𝑧𝑝𝜑𝑐]2

⎤⎥⎥⎥⎥⎥⎦
. (8)

The radius of curvature at a point on the curve of the cycloidal gear 
is given by:

𝜌𝑐 =
[1 +𝐾2

1 − 2𝐾1𝑐𝑜𝑠𝑧𝑐𝜑𝑐]1.5

𝐾1(1 + 𝑧𝑝)𝑐𝑜𝑠𝑧𝑐𝜑𝑐 − 𝑧𝑝𝐾
2
1 − 1

(𝑅𝑝 +Δ𝑅𝑝) + (𝑟𝑝 +Δ𝑟𝑝). (9)

The radius of curvature value calculated in Equation (9) is negative 
for convex surfaces and positive for concave surfaces.

Define the output pin identifiers in a counter-clockwise direction 
(𝑖𝑤 = 1, 2, ..., 𝑧𝑤), and the coordinates of a point on the output pin-hole 
𝑖𝑤 are given by:

[
𝑥𝑐
𝑤ℎ,𝑖𝑤

𝑦𝑐
𝑤ℎ,𝑖𝑤

]
=

⎡⎢⎢⎢⎢⎢⎢⎣

−(𝑟𝑤ℎ +Δ𝑟𝑤ℎ)𝑠𝑖𝑛𝜑𝑤ℎ,𝑖𝑤

−(𝑅𝑤ℎ +Δ𝑅𝑤ℎ)𝑠𝑖𝑛
(2𝑖𝑤ℎ + 1)𝜋

𝑧𝑤

(𝑟𝑤ℎ +Δ𝑟𝑤ℎ)𝑐𝑜𝑠𝜑𝑤ℎ,𝑖𝑤

+(𝑅𝑤ℎ +Δ𝑅𝑤ℎ)𝑐𝑜𝑠
(2𝑖𝑤ℎ + 1)𝜋

𝑧𝑤

⎤⎥⎥⎥⎥⎥⎥⎦
, (10)

where 𝜑𝑤ℎ,𝑖𝑤 is the counter-clockwise angle between the 𝑦-axis and the 
line connecting the point and the center of the output pin-hole 𝑖𝑤.

The normal direction at a point on the pin-hole 𝑖𝑤 is given by:[
𝑥𝑐
𝑤ℎ𝑛,𝑖𝑤

𝑦𝑐
𝑤ℎ𝑛,𝑖𝑤

]
=
[
−𝑠𝑖𝑛𝜑𝑤ℎ,𝑖𝑤

𝑐𝑜𝑠𝜑𝑤ℎ,𝑖𝑤

]
. (11)

2.2. In the pin gear coordinate system

Define the roller pin identifiers in a counter-clockwise direction (𝑖𝑝 =
1, 2, ..., 𝑧𝑝), and the coordinates of a point on the roller pin 𝑖𝑝 are given 
by

[
𝑥
𝑝

𝑝,𝑖𝑝

𝑦
𝑝

𝑝,𝑖𝑝

]
=

⎡⎢⎢⎢⎢⎣
−(𝑟𝑝 +Δ𝑟𝑝)𝑠𝑖𝑛(𝜑𝑝,𝑖𝑝) − (𝑅𝑝 +Δ𝑅𝑝)𝑠𝑖𝑛

2𝜋(𝑖𝑝 − 1)
𝑧𝑝

(𝑟𝑝 +Δ𝑟𝑝)𝑐𝑜𝑠(𝜑𝑝,𝑖𝑝) + (𝑅𝑝 +Δ𝑅𝑝)𝑐𝑜𝑠
2𝜋(𝑖𝑝 − 1)

𝑧𝑝

⎤⎥⎥⎥⎥⎦
, (12)

where 𝜑𝑝,𝑖𝑝 is the counter-clockwise angle between the 𝑦-axis and the 
line connecting the point and the center of the roller pin 𝑖𝑝.

The normal direction at the roller pin 𝑖𝑝 is given by:[
𝑥
𝑝

𝑝𝑛,𝑖𝑝

]
=
[
−𝑠𝑖𝑛𝜑𝑝,𝑖𝑝

]
(13)
406

𝑦
𝑝

𝑝𝑛,𝑖𝑝
𝑐𝑜𝑠𝜑𝑝,𝑖𝑝
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2.3. In the output disk coordinate system

The coordinates of a point on the pin 𝑖𝑤 are given by:

[
𝑥𝑤
𝑤,𝑖𝑤

𝑦𝑤
𝑤,𝑖𝑤

]
=
⎡⎢⎢⎢⎣
−𝑟𝑤𝑠𝑖𝑛(𝜑𝑤,𝑖𝑤) −𝑅𝑤𝑠𝑖𝑛

(2𝑖𝑤 + 1)𝜋
𝑧𝑤

𝑟𝑤𝑐𝑜𝑠(𝜑𝑤,𝑖𝑤) +𝑅𝑤𝑐𝑜𝑠
(2𝑖𝑤 + 1)𝜋

𝑧𝑤

⎤⎥⎥⎥⎦ , (14)

where 𝜑𝑤,𝑖𝑤 is the counter-clockwise angle between the 𝑦-axis and the 
line connecting the point and the center of the output pin 𝑖𝑤.

The normal direction at a point on the output pin-hole 𝑖𝑤 is given 
by:[
𝑥𝑤
𝑤𝑛,𝑖𝑤

𝑦𝑤
𝑤𝑛,𝑖𝑤

]
=
[
−𝑠𝑖𝑛𝜑𝑤,𝑖𝑤

𝑐𝑜𝑠𝜑𝑤,𝑖𝑤

]
. (15)

The coordinates of a point on the cycloidal gear can be transformed 
from 𝑺𝑐 to 𝑺𝑤 by the following equation:[
𝑥𝑤
𝑐

𝑦𝑤
𝑐

]
=𝐑𝑤

𝑐

[
𝑥𝑐
𝑐

𝑦𝑐
𝑐

]
+ 𝐏𝑤

𝑐
. (16)

The normal direction at a point on the cycloidal gear can be trans-

formed from 𝑺𝑐 to 𝑺𝑤 by the following equation:[
𝑥𝑤
𝑐𝑛

𝑦𝑤
𝑐𝑛

]
=𝐑𝑤

𝑐

[
𝑥𝑐
𝑐𝑛

𝑦𝑐
𝑐𝑛

]
+ 𝐏𝑤

𝑐
. (17)

The coordinates of a point on the output pin-hole 𝑖𝑤 can be trans-

formed from 𝑺𝑐 to 𝑺𝑤 by the following equation:[
𝑥𝑤
𝑤ℎ,𝑖𝑤

𝑦𝑤
𝑤ℎ,𝑖𝑤

]
=𝐑𝑤

𝑐

[
𝑥𝑐
𝑤ℎ

𝑦𝑐
𝑤ℎ

]
+ 𝐏𝑤

𝑐
. (18)

The normal direction at a point on the output pin-hole 𝑖𝑤 can be 
transformed from 𝑺𝑐 to 𝑺𝑤 by the following equation:[
𝑥𝑤
𝑤ℎ𝑛,𝑖𝑤

𝑦𝑤
𝑤ℎ𝑛,𝑖𝑤

]
=𝐑𝑤

𝑐

[
𝑥𝑐
𝑤ℎ𝑛,𝑖𝑤

𝑦𝑐
𝑤ℎ𝑛,𝑖𝑤

]
+ 𝐏𝑤

𝑐
. (19)

The coordinates of a point on the roller pin 𝑖𝑝 can be transformed 
from 𝑺𝑝 to 𝑺𝑤 by the following equation:[
𝑥𝑤
𝑝,𝑖𝑝

𝑦𝑤
𝑝,𝑖𝑝

]
=𝐑𝑤

𝑝

[
𝑥
𝑝

𝑝,𝑖𝑝

𝑦
𝑝

𝑝,𝑖𝑝

]
. (20)

The normal direction at a point on the roller pin 𝑖𝑝 can be trans-

formed from 𝑺𝑝 to 𝑺𝑤 by the following equation:[
𝑥𝑤
𝑝𝑛,𝑖𝑝

𝑦𝑤
𝑝𝑛,𝑖𝑝

]
=𝐑𝑤

𝑝

[
𝑥
𝑝

𝑝𝑛,𝑖𝑝

𝑦
𝑝

𝑝𝑛,𝑖𝑝

]
. (21)

All subsequent analyses and calculations are conducted in the co-

ordinate system 𝑺𝑤. This study focuses on one cycloidal gear as the 
object of analysis and assumes that, in practice, forces on two or more 
cycloidal gears are evenly spaced. The number of cycloidal gears is de-

noted by 𝑛𝑐 .

3. Numerical analysis method CDFM for cycloidal drives

The analysis of cycloidal drives revolves around the contact analysis 
of three pairs of interacting components:

1. the eccentric shaft (E) and the cycloidal gear (C);

2. the output pin-holes (WH) and the output pins (W);

3. the roller pins (P) on the pin gear and the cycloidal gear (C).

This study proposes a numerical model analysis method to address 
clearance, deformation, and friction issues in contact analysis. In each 

contact analysis pair, the model first considers the unloaded contact, as 
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Fig. 6. Diagram of the cycloidal drive without load.

illustrated in Fig. 6, to calculate the component deflection caused by the 
possible contact points. Based on the unloaded analysis, the model uses 
deformation constraints to establish a load analysis based on contact 
force and contact torque conditions, as depicted in Fig. 7. In the con-

tact analysis under load, the deformation of the eccentric shaft adopts 
a fixed stiffness to simplify shaft stiffness involving multiple deforma-

tions, and the deformations of the other components are based on the 
Hertz contact theory to analyze the non-linear stiffness of each contact 
point in detail [19,33]. The model also calculates the corresponding 
friction force and friction torque through the contact force. Through 
the above analysis, the model establishes the functional relationship 
between the contact force, contact torque, friction force, and friction 
torque in each contact analysis pair. The force balance and torque bal-

ance relationships of individual components are then used to establish 
constraint conditions. Finally, by solving the nonlinear equation system, 
the model obtains the contact force and contact torque that satisfies the 
external load and then solves for all contact components. The proposed 
clearance, deformation, and friction numerical analysis method (CDFM) 
for cycloidal drives is illustrated in Fig. 8.

3.1. Hertzian contact theory

The CDFM uses Hertzian contact theory to analyze the deformation 
during contact [19,33]. According to Hertzian contact theory, when the 
contact curvature radius is 𝜌1 and 𝜌2, the contact surface thickness is 
𝑏, the contact force is 𝐹𝑐 , two objects with Young’s modulus of 𝐸1 and 
𝐸2 and Poisson’s ratio of 𝜈1 and 𝜈2 have the following deformation 
relations at the contact location:

⎧⎪⎪⎪⎨⎪⎪⎪⎩

𝑎 =

√
4𝐹𝑐𝜌

∗ [𝐸1
(
1 − 𝑣21

)
+𝐸2

(
1 − 𝑣22

)]
𝜋𝑏𝐸1𝐸2

𝛿 =
2𝐹𝑐

𝜋𝑏

[
1 − 𝜈21
𝐸1

(
ln

4|𝜌1|
𝑎

− 1
2

)
+

1 − 𝜈22
𝐸2

(
ln

4|𝜌2|
𝑎

− 1
2

)]
𝜎 =

2𝐹𝑐

𝜋𝑎𝑏

,
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(22)
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where 𝑎 is half the contact deformation width, 𝛿 is the deformation, 𝜎
is the contact stress, and 𝜌∗ is the equivalent contact radius. Two cases 
exist:

In the “Convex and Convex” case, as in Fig. 9(a):

𝜌∗ =
|||| 𝜌1𝜌2
𝜌1 + 𝜌2

|||| ; (23)

In the “Convex and Concave” case, as in Fig. 9(b).

𝜌∗ =
|||| 𝜌1𝜌2
𝜌1 − 𝜌2

|||| . (24)

In the CDFM, the contact between the output pins and the output 
pin-holes is consistent with the “Convex and Concave” case. Since the 
“Convex” curvature is negative, and the “Concave” curvature is positive 
in the Equation (9), the contact calculation between the pin gear and 
the cycloidal gear is also calculated using the “Convex and Concave” 
case.

Define contact parameters of the cycloidal gear, pin gear, output 
pins, and pin-holes: 𝐸𝑐 , 𝐸𝑝, 𝐸𝑤 and 𝐸𝑤ℎ for Young’s modulus; 𝜈𝑐 , 𝜈𝑝, 
𝜈𝑤 and 𝜈𝑤ℎ for Poisson’s ratio. The thickness of the contact surface be-

tween the output pins and pin-holes is 𝑏𝑤, and their curvature radiuses 
are (𝑟𝑤ℎ + Δ𝑟𝑤ℎ) and 𝑟𝑤 separately. The thickness of the pin gear be-

tween the cycloidal gear is 𝑏𝑝, and their curvature radiuses are 𝑟𝑝 and 
𝜌𝑐 separately.

Through Equation (22) and Equation (24), the contact deformation 
𝛿 can be solved by 𝐹𝑐 . Similarly, the inverse of Equation (22) and Equa-

tion (24) can be solved for the contact force 𝐹𝑐 by 𝛿. The equation is 
a complex nonlinear function, so its inverse operation relies on the nu-

merical solution.

3.2. Contact analysis of the eccentric shaft E and the cycloidal gear C

The cycloidal gear is generally connected to the eccentric shaft 
through a roller bearing, and a contact force 𝐅𝑒𝑐,𝑐 exists between the 
two, with the direction along the normal direction of the equivalent 
contact point. Consider the dynamic friction and damping coefficients 
at this bearing as 𝜇𝑒𝑐 and 𝑐𝑒𝑐 , respectively. The frictional force 𝐅𝑒𝑐,𝑓

transmitted from the eccentric shaft to the cycloidal through the bear-

ing, reversing along the direction tangential to the equivalent contact 
point, can be obtained with the magnitude:

𝐹𝑒𝑐,𝑓 = 𝜇𝑒𝑐𝐹𝑒𝑐,𝑐 + 𝑐𝑒𝑐𝑣𝑒𝑐 , (25)

where 𝑣𝑒 is the magnitude of the relative sliding velocity at the equiva-

lent contact point.

In turn, the frictional torque of the cycloidal gear from the eccentric 
shaft is obtained by:

𝐓𝑒𝑐,𝑓 = 𝐅𝑒𝑐,𝑓 𝐫𝑒𝑐 , (26)

where 𝐫𝑒𝑐 is the position vector at the contact point between the eccen-

tric shaft and the cycloidal gear relative to the center of the cycloidal 
gear.

The combined force on the eccentric shaft from the cycloidal gear is

𝐅𝑐𝑒 = −(𝐅𝑒𝑐,𝑐 + 𝐅𝑒𝑐,𝑓 ). (27)

𝐅𝑐𝑒 will cause the eccentric shaft to deform, which in turn leads to 
the offset of the center position of the cycloidal gear. The deformation 
of the eccentric shaft and the cycloidal gear is complex. It contains the 
deformation of the bearings on the eccentric shaft and the combined 
deformation caused by the deformation of the eccentric shaft itself. The 
stiffness of this deformation process is defined as 𝐾𝑒.

The offset of the center of the cycloidal can be obtained as

𝜹𝑐𝑤 =
𝐅𝑐𝑒

𝐾𝑒

(28)

Considering the above offsets, the transformation matrix 𝐏𝑤
𝑐

needs 

to add additional offsets to become 𝐏𝑤

𝑐
+ 𝜹𝑐𝑤.
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Fig. 7. Diagram of the cycloidal drive with load.

lysi
Fig. 8. Diagram of the numerical ana

Fig. 9. (a) “Convex and Convex” case, and (b) “Convex and Concave” case.

3.3. Contact analysis of the output pins W and pin-holes WH

3.3.1. No-load contact analysis

Before analyzing the load contact of output pins and pin-holes, it is 
408

necessary to analyze the no-load contact condition. The purpose is to 
s method CDFM for cycloidal drives.

identify the output pins and pin-holes that may have contact forces 
under clearances condition and the additional rotation angle of cy-

cloidal gear to meet the contact condition. The analysis process is as 
follows:

Step 1. Identify the output pins and pin-holes that may have contact 
force.

The output pins and pin-holes that may have contact force 
are judged according to the direction of the torque load under 
the ideal no-clearances condition and denoted as 𝑖𝑤,𝑛𝑙 , where 
𝑖𝑤,𝑛𝑙 = 1, 2, ..., 𝑧𝑤,𝑛𝑙 .

Step 2. Calculate the rotation angle of the cycloidal gear when the out-

put pin 𝑖𝑤,𝑛𝑙 is just in contact under the clearance condition.

In the ideal no-clearances condition, the rotation angle of the 
cycloidal gear is defined as 𝜃𝑐,𝑛𝑐 = 0. In the clearance condition, 
when the actual rotation angle of cycloidal gear 𝜃𝑐 = 𝜃𝑐,𝑛𝑐 , the 
output pins do not contact the output pin-holes. In order to 
make the output pin and the output pin-hole just contact, the 
cycloidal gear needs to rotate an additional angle 𝜃𝑐,𝑛𝑙 , and the 

rotation angle of the cycloidal gear is 𝜃𝑐 = 𝜃𝑐,𝑛𝑐 + 𝜃𝑐,𝑛𝑙 = 𝜃𝑐,𝑛𝑙 .
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When the output pin and pin-hole 𝑖𝑤,𝑛𝑙 are just in contact, the 
coordinate of the output pin contact point is equal to the co-

ordinate of the output pin-hole contact point, and the normal 
direction at the output pin contact point is opposite to the nor-

mal direction at the output pin-hole contact point, namely, the 
following equation is satisfied.

⎧⎪⎨⎪⎩
𝑥𝑤
𝑤ℎ,𝑖𝑤

= 𝑥𝑤
𝑤,𝑖𝑤

𝑦𝑤
𝑤ℎ,𝑖𝑤

= 𝑦𝑤
𝑤,𝑖𝑤

𝑥𝑤
𝑤ℎ𝑛,𝑖𝑤

𝑦𝑤
𝑤𝑛,𝑖𝑤

= −𝑥𝑤
𝑤𝑛,𝑖𝑤

𝑦𝑤
𝑤ℎ𝑛,𝑖𝑤

(29)

Solving the nonlinear system Equation (29) to get the parame-

ters 𝜑𝑤,𝑖𝑤, 𝜑𝑤ℎ,𝑖𝑤, and 𝜃𝑐,𝑛𝑙 , denoted by 𝜑𝑤,𝑖𝑤𝑛𝑙 , 𝜑𝑤ℎ,𝑖𝑤𝑛𝑙 and 
𝜃𝑐,𝑖𝑤𝑛𝑙 , respectively. They are the related parameters when the 
output pin and pin-hole 𝑖𝑤,𝑛𝑙 are just in contact.

Step 3. Sort the output pins and pin-holes that may have contact forces.

Taking the ascending order of |𝜃𝑐,𝑖𝑤𝑛𝑙| as a reference, the above 
output pins and the pin-holes 𝑖𝑤,𝑛𝑙 are sorted to 𝑖(𝑛)

𝑤,𝑛𝑙
, and the 

corresponding parameters and the angle of the cycloidal gear 
are 𝜑(𝑛)

𝑤,𝑛𝑙
, 𝜑(𝑛)

𝑤ℎ,𝑛𝑙
and 𝜃(𝑛)

𝑐,𝑛𝑙
, where 𝑛 = 1, 2, ..., 𝑧𝑤,𝑛𝑙 . The output 

pin 𝑖(1)
𝑤,𝑛𝑙

will be the first contact with load.

Step 4. Obtain coordinates of the contact points.

By 𝜑(𝑛)
𝑤,𝑛𝑙

, 𝜑(𝑛)
𝑤ℎ,𝑛𝑙

, and 𝜃(𝑛)
𝑐,𝑛𝑙

, the coordinates of the contact point 
contact can be obtained.

3.3.2. Load contact analysis

Under load, for each contact, the cycloidal gear needs to rotate first 
the clearance angle and then the contact deformation angle. Define the 
additional angle of the cycloidal gear under load as 𝜃𝑐,𝑙 , and the actual 
angle of the cycloidal gear 𝜃𝑐 = 𝜃𝑐,𝑛𝑐 + 𝜃𝑐,𝑙 = 𝜃𝑐,𝑙 . In the above output 
pins and pin-holes that may have contact forces, some are not in contact 
because their clearances are too large. Define the number of output pins 
in contact as 𝑧𝑤,𝑙 .

The combined contact torque 𝐓𝑤ℎ,𝑐 of the cycloidal gear through 
output pin-holes is given and satisfies the following equation,

𝐓𝑤ℎ,𝑐 =
𝑧𝑤,𝑙∑
𝑛=1

𝐅(𝑛)
𝑤ℎ,𝑐

× 𝐫(𝑛)
𝑤ℎ

, (30)

where 𝐫(𝑛)
𝑤ℎ

is the position vector at the contact point relative to the 
center of the cycloidal gear.

𝐅(𝑛)
𝑤ℎ,𝑐

is the contact force, and its magnitude 𝐹 (𝑛)
𝑤ℎ,𝑐

is calculated from 
the contact deformation 𝛿(𝑛)

𝑤ℎ
according to the Hertzian contact theory, 

along the normal direction of the contact point.

The contact deformation 𝛿(𝑛)
𝑤ℎ

can be calculated using 𝜃𝑐,𝑙, and 𝜃(𝑛)
𝑐,𝑛𝑙

by the following equation,

𝛿
(𝑛)
𝑤ℎ

= |𝜃𝑐,𝑙 − 𝜃
(𝑛)
𝑐,𝑛𝑙

|𝑑(𝑛)
𝑤ℎ

, (31)

where 𝑑(𝑛)
𝑤ℎ

is the distance from the center of the cycloidal gear to the 
normal of the contact point.

The load contact of output pins and pin-holes can be analyzed by 
the following process:

Step 1. Identify the output pins and pin-holes that have contact force 
under load.

Through the previous no-load contact analysis, it is known that 
the output pins 𝑖(𝑛)

𝑤,𝑛𝑙
that may have contact forces and the ab-

solute value of the deflection angle |𝜃(𝑛)
𝑐,𝑛𝑙

| corresponding to the 
output pins 𝑖(𝑛)

𝑤,𝑛𝑙
increases sequentially from 𝑛 = 1 to 𝑛 = 𝑧𝑤,𝑛𝑙 .

Taking 𝑛 = 1 to 𝑛 = 𝑧𝑤,𝑛𝑙 in turn, the 𝐓(𝑛)
𝑤ℎ,𝑐

is calculated ac-

cording to the corresponding condition that 𝜃𝑐,𝑙 = 𝜃
(𝑛)
𝑐,𝑛𝑙

until 
𝑇
(𝑛)
𝑤ℎ,𝑐

> 𝑇𝑤ℎ,𝑐 is satisfied for the first time, and the number 
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of output pins that have contact forces can be obtained as 
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𝑧𝑤,𝑙 = 𝑛 − 1. If 𝑛 = 𝑧𝑤,𝑛𝑙 , it still does not satisfy 𝑇 (𝑛)
𝑤ℎ,𝑐

> 𝑇𝑤ℎ,𝑐 , 
then we can get 𝑧𝑤,𝑙 = 𝑛.

Step 2. Calculate contact force and contact torque.

Using 𝑧𝑤,𝑙 and 𝐓𝑤ℎ,𝑐 , the nonlinear implicit system of equations 
consisting of Equation (22), Equation (30) and Equation (31)

can be solved numerically to calculate the deflection angle of 
the cycloidal gear with load 𝜃𝑐,𝑛𝑙 .
Further, according to Equation (22) and Equation (31), the con-

tact force 𝐅(𝑛)
𝑤ℎ,𝑐

for each output pin-hole in contact can be ob-

tained, where 𝑛 = 1, 2, ..., 𝑧𝑤,𝑛𝑙 , and the combined torque 𝐅𝑤ℎ,𝑐

of cycloidal gear through output pin-holes can also be obtained. 
Similarly, the combined contact force 𝐅𝑤,𝑐 of the output disk 
through output pins and the combined contact torque 𝐓𝑤,𝑐 can 
also be obtained.

Step 3. Calculate contact friction and contact friction torque.

Define the coefficients of dynamic friction and damping of the 
contact between the output pins and the pin-holes as 𝜇𝑤 and 
𝑐𝑤, respectively. The friction force 𝐅(𝑛)

𝑤ℎ,𝑓
of the output pin-hole 

in contact is along the tangential direction of the contact point 
and has the magnitude:

𝐹
(𝑛)
𝑤ℎ,𝑓

= 𝜇𝑤𝐹
(𝑛)
𝑤ℎ,𝑐

+ 𝑐𝑤𝑣
(𝑛)
𝑤 , (32)

where 𝑣(𝑛)𝑤 is the magnitude of the relative sliding velocity at 
the contact point.

Further, the combined friction force 𝐅𝑤ℎ,𝑓 and the combined 
friction torque 𝐓𝑤ℎ,𝑓 of the cycloidal gear through output pin-

holes can be obtained.

3.4. Contact analysis of the pin gear P and the cycloidal gear C

3.4.1. No-load contact analysis

Similarly, it is necessary to analyze the no-load contact condition 
before analyzing the load contact of the pin gear and the cycloidal gear. 
The purpose is to identify the roller pins that may have contact forces 
under the clearance condition and the additional rotation angle of the 
pin gear to meet the contact condition. The analysis process is as fol-

lows:

Step 1. Identify the roller pins that may have contact forces.

The roller pins that may have contact force are judged ac-

cording to the direction of the torque load under the ideal 
no-clearance condition and denoted as 𝑖𝑝,𝑛𝑙 , where 𝑖𝑝,𝑛𝑙 =
1, 2, ..., 𝑧𝑝,𝑛𝑙 .

Step 2. Calculate the rotation angle of the pin gear when the roller pin 
𝑖𝑝,𝑛𝑙 is just in contact under the clearance condition.

In the ideal no-clearance condition, the rotation angle of the 
pin gear is defined as 𝜃𝑝,𝑛𝑐 = 𝜃𝑒∕𝑧𝑝 + 𝑧𝑐𝜃𝑐∕𝑧𝑝. In the clearance 
condition, when the actual rotation angle of pin gear 𝜃𝑝 = 𝜃𝑝,𝑛𝑐 , 
the roller pins do not contact the cycloidal gear. In order to 
make the roller pins and the cycloidal gear just contact, the pin 
gear needs to rotate an additional angle 𝜃𝑝,𝑛𝑙 , and the rotation 
angle of the cycloidal gear is 𝜃𝑝 = 𝜃𝑝,𝑛𝑐 + 𝜃𝑝,𝑛𝑙 .

When the roller pin 𝑖𝑝,𝑛𝑙 is just in contact, the coordinate of 
the roller pin contact point is equal to the coordinate of the 
cycloidal gear contact point. The normal direction at the roller 
pin contact point is opposite to that at the cycloidal gear contact 
point. Namely, the following equation is satisfied.

⎧⎪⎨⎪⎩
𝑥𝑤
𝑝,𝑖𝑝

= 𝑥𝑤
𝑐

𝑦𝑤
𝑝,𝑖𝑝

= 𝑦𝑤
𝑐

𝑥𝑤
𝑝𝑛,𝑖𝑝

𝑦𝑤
𝑐𝑛
= −𝑦𝑤

𝑝𝑛,𝑖𝑝
𝑥𝑤
𝑐𝑛

(33)

Solving the nonlinear system Equation (33) to get the param-
eters 𝜑𝑝,𝑖𝑝, 𝜑𝑐 , and 𝜃𝑝,𝑛𝑙 , denoted by 𝜑𝑝,𝑖𝑝𝑛𝑙 , 𝜑𝑐,𝑖𝑝𝑛𝑙 , and 𝜃𝑝,𝑖𝑝𝑛𝑙 , 
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respectively. They are the related parameters when the roller 
pin 𝑖𝑝,𝑛𝑙 is just in contact.

Step 3. Sort the roller pins that may have contact forces.

Taking the ascending order of |𝜃𝑝,𝑖𝑝𝑛𝑙| as a reference, the above 
roller pins 𝑖𝑝,𝑛𝑙 with the pin-hole 𝑖𝑝,𝑛𝑙 is sorted to 𝑖(𝑚)

𝑝,𝑛𝑙
, and the 

corresponding parameters and the angle of pin gear are 𝜑(𝑚)
𝑝,𝑛𝑙

, 
𝜑
(𝑚)
𝑐,𝑛𝑙

, and 𝜃(𝑚)
𝑝,𝑛𝑙

, where 𝑚 = 1, 2, ..., 𝑧𝑝,𝑛𝑙 . The roller pin 𝑖(1)
𝑝,𝑛𝑙

will 
be the first contact with load.

Step 4. Obtain coordinates and curvature radius of the contact points.

By 𝜑(𝑚)
𝑝,𝑛𝑙

, 𝜑(𝑚)
𝑐,𝑛𝑙

, and 𝜃(𝑚)
𝑝,𝑛𝑙

, the coordinates and curvature radius 
of the contact point contact can be obtained.

3.4.2. Load contact analysis

Under load, for each contact, the pin gear needs to rotate first the 
clearance angle and then the contact deformation angle. Define the ad-

ditional angle of the pin gear under load as 𝜃𝑝,𝑙 , and the actual angle 
of the pin gear is 𝜃𝑝,𝑛𝑐 = 𝜃𝑒∕𝑧𝑝 + 𝑧𝑐𝜃𝑐,𝑙∕𝑧𝑝. For the above roller pins 
that may have contact forces, some roller pins are not in contact be-

cause their clearances of them are too large. Define the number of pins 
in contact as 𝑧𝑝,𝑙 .

The combined contact torque 𝐓𝑝,𝑐 of the pin gear through roller pins 
are given and satisfies the following equation,

𝐓𝑝,𝑐 =
𝑧𝑝,𝑙∑
𝑛=1

𝐅(𝑚)
𝑝,𝑐

× 𝐫(𝑚)
𝑝

, (34)

where 𝐫(𝑚)𝑝 is the position vector at the contact point relative to the 
center of the pin gear.

𝐅(𝑚)
𝑝,𝑐 is the contact force, and its magnitude 𝐹 (𝑚)

𝑝,𝑐 is calculated from 
the contact deformation 𝛿(𝑚)𝑝 according to the Hertzian contact theory, 
along the normal direction of the contact point.

The contact deformation 𝛿𝑐
𝑝

can be calculated using 𝜃𝑝,𝑙 , and 𝜃(𝑚)
𝑝,𝑛𝑙

by 
the following equation,

𝛿(𝑚)
𝑝

= |𝜃𝑝,𝑙 − 𝜃
(𝑚)
𝑝,𝑛𝑙

|𝑑(𝑚)
𝑝

, (35)

where 𝑑(𝑚)𝑝 is the distance from the center of the pin gear to the normal 
of the contact point.

The load contact of the pin gear and the cycloidal gear can be ana-

lyzed by the following process:

Step 1. Identify the roller pins that have contact force under load.

Through the previous no-load contact analysis, it is known that 
the roller pins 𝑖(𝑚)

𝑝,𝑛𝑙
that may have contact forces and the abso-

lute value of the deflection angle |𝜃(𝑚)
𝑝,𝑛𝑙

| corresponding to the 
roller pins 𝑖(𝑚)

𝑝,𝑛𝑙
increases sequentially from 𝑚 = 1 to 𝑚 = 𝑧𝑝,𝑛𝑙 .

Taking 𝑚 = 1 to 𝑚 = 𝑧𝑝,𝑛𝑙 in turn, the 𝐓(𝑚)
𝑝,𝑐 is calculated ac-

cording to the corresponding condition that 𝜃𝑝,𝑙 = 𝜃
(𝑚)
𝑝,𝑛𝑙

until 
𝑇
(𝑚)
𝑝,𝑐 > 𝑇𝑝,𝑐 is satisfied for the first time, and the number of roller 

pins that have contact forces can be obtained as 𝑧𝑝,𝑙 = 𝑚 − 1. If 
𝑚 = 𝑧𝑝,𝑛𝑙 , it still does not satisfy 𝑇 (𝑚)

𝑝,𝑐 > 𝑇𝑝,𝑐 , then we can get 
𝑧𝑝,𝑙 =𝑚.

Step 2. Calculate contact force and contact torque.

Using 𝑧𝑝,𝑙 and 𝐓𝑝,𝑐 , the nonlinear implicit system of equations 
consisting of Equation (22), (34) and (35) can be solved numer-

ically to calculate the deflection angle of the pin gear with load 
𝜃𝑝,𝑛𝑙 .

Further, according to Equation (22) and (35), the contact force 
𝐅(𝑚)
𝑝,𝑐 for each roller pin in contact can be obtained, where 𝑚 =

1, 2, ..., 𝑧𝑝,𝑛𝑙 , and the combined torque 𝐅𝑝,𝑐 of pin gear can also 
be obtained. Similarly, the combined contact force 𝐅𝑐,𝑐 and the 
combined contact torque 𝐓𝑐,𝑐 of the cycloidal gear can also be 
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obtained.
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Step 3. Calculate contact friction and contact friction torque.

Define the coefficients of dynamic friction and damping of the 
contact between the roller pins and the cycloidal gear as 𝜇𝑝 and 
𝑐𝑝. The friction force 𝐅(𝑚)

𝑝,𝑓
of the output pin-hole in contact is 

along the tangential direction of the contact point and has the 
magnitude:

𝐹
(𝑚)
𝑝,𝑓

= 𝜇𝑝𝐹
(𝑚)
𝑝,𝑐

+ 𝑐𝑝𝑣
(𝑚)
𝑝

, (36)

where 𝑣(𝑚)𝑝 is the magnitude of the relative sliding velocity at 
the contact point.

Further, the combined friction force 𝐅𝑝,𝑓 and the combined 
friction torque 𝐓𝑝,𝑓 of the cycloidal gear can be obtained. Simi-

larly, the combined friction force 𝐅𝑐,𝑓 and the combined friction 
torque 𝐓𝑐,𝑓 of the cycloidal gear can also be obtained.

3.5. Load contact analysis of the whole cycloidal drive

The calculation of friction force is an implicit solution process, 
which always requires a known contact force to solve the contact fric-

tion force. Define the solution process of the sections 3.2, 3.3, and 3.4

as the following functions, respectively.

(𝐅𝑒𝑐,𝑓 ,𝐓𝑒𝑐,𝑓 ,𝐓𝑒𝑐,𝑓 ,𝜹𝑐𝑤) = 𝑓𝑒(𝐅𝑒𝑐,𝑐) (37)

(𝐅𝑤ℎ,𝑐 ,𝐅𝑤ℎ,𝑓 ,𝐓𝑤ℎ,𝑓 , 𝜃𝑐,𝑙) = 𝑓𝑤(𝐓𝑤ℎ,𝑐 ,𝜹𝑐𝑤) (38)

(𝐅𝑐,𝑐 ,𝐅𝑐,𝑓 ,𝐓𝑐,𝑐 ,𝐓𝑐,𝑓 ,𝐓𝑝,𝑓 ) = 𝑓𝑝(𝐓𝑝,𝑐 , 𝜃𝑐,𝑙,𝜹𝑐𝑤) (39)

Define the external torque on the pin gear as 𝐓𝑝 = 𝐓𝑜𝑢𝑡∕𝑛𝑐 . Establish 
the constraints based on the pin gear torque balance, cycloidal gear 
torque balance, and force balance as follows.

𝐓𝑝,𝑐 +𝐓𝑝,𝑓 +𝐓𝑝 = 0 (40)

𝐓𝑐,𝑐 +𝐓𝑐,𝑓 +𝐓𝑤ℎ,𝑐 +𝐓𝑤ℎ,𝑓 +𝐓𝑒𝑐,𝑐 +𝐓𝑒𝑐,𝑓 = 0 (41)

𝐅𝑐,𝑐 + 𝐅𝑐,𝑓 + 𝐅𝑤ℎ,𝑐 + 𝐅𝑤ℎ,𝑓 + 𝐅𝑒𝑐,𝑐 + 𝐅𝑒𝑐,𝑓 = 0 (42)

Solving the above system of nonlinear equations, we can obtain 𝐓𝑝, 
𝐓𝑤ℎ,𝑐 and 𝐓𝑝,𝑐 , and 𝐅𝑒𝑐,𝑐 , and then we can solve for all the loaded 
contact parameters on the cycloidal gear, pin gear, output pins, and 
output pin-holes, including the coordinates of contact points, contact 
forces, and contact friction.

The contact torque of the combined force (𝐅𝑐𝑒) on the eccentric shaft 
from the cycloidal gear, denoted by 𝐓𝑒,𝑐 , is as follows:

𝐓𝑒,𝑐 = 𝐅𝑐𝑒 × 𝐫𝑐𝑒 = −(𝐅𝑒𝑐,𝑐 + 𝐅𝑒𝑐,𝑓 ) × 𝐫𝑐𝑒, (43)

where 𝐫𝑐𝑒 is the position vector relative to the eccentric shaft center at 
the contact point between the eccentric shaft and the cycloidal gear.

The external input torque to the input shaft is

𝐓𝑒 = −𝐓𝑒,𝑐 −𝐓𝑒,𝑓 . (44)

𝐓𝑒,𝑓 is the friction torque on the input shaft from the dynamic fric-

tion force and the damping force.

𝐹𝑒,𝑓 = 𝜇𝑒𝐹𝑒,𝑐 + 𝑐𝑒𝑟𝑒𝜔𝑒 (45)

𝑇𝑒,𝑓 = 𝑇𝑒,𝑓 𝑟𝑒 (46)

𝜇𝑒 and 𝑐𝑒 are the coefficients of dynamic friction and damping of 
the input shaft, respectively. The magnitude of the radial force on the 
input shaft from the cycloidal gear can be solved through

𝐹𝑒,𝑐 =𝐿2𝐹𝑐𝑒∕𝐿1, (47)

based on the deflection torque balance of the eccentric input shaft, as 
shown in Fig. 10.

It should be noted that the above input and output torques are cal-
culated and analyzed according to the case of a single cycloidal gear. 
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Table 1

Experimental parameters with different geometric deviations.

Parameters Values

Case A Case B Case C

Eccentric distance deviation Δ𝑒 (mm) 0 0.005 −𝟎.𝟎𝟎𝟓
Roller pin radius deviation Δ𝑟𝑝 (mm) 0 0.01 0.01
Roller pin distribution deviation Δ𝑅𝑝 (mm) 0 −0.01 −0.01
Output pin-hole radius deviation Δ𝑟𝑤ℎ (mm) 0 0.01 0.01
Output pin-hole distribution deviation Δ𝑅𝑤ℎ (mm) 0 0.003 0.003
Ideal eccentric distance 𝑒 (mm) 0.8 0.8 0.8
Ideal roller pin radius 𝑟𝑝 (mm) 1.5 1.5 1.5
Teeth number of pin gear 𝑧𝑝 30
Eccentric shaft stiffness 𝐾𝑒 (N/mm) - 5 × 106 5 × 106
Ideal roller pin distribution radius 𝑅𝑝 (mm) 30
Number of cycloidal gear 𝑛𝑐 2
Number of output pin-holes 𝑧𝑤 8
Ideal output pin radius 𝑟𝑤 (mm) 3.5
Ideal output pin distribution radius 𝑅𝑤 (mm) 21
Ideal output pin-hole radius 𝑟𝑤ℎ (mm) 4.3
Ideal output pin-hole distribution radius 𝑅𝑤ℎ (mm) 21
Radius of eccentric shaft 𝑟𝑒𝑐 (mm) 15
Radius of input shaft 𝑟𝑒 (mm) 8
Contact width 𝑏𝑤, and 𝑏𝑝 (mm) 6
Young modulus 𝐸𝑐 , 𝐸𝑝, 𝐸𝑤ℎ and 𝐸𝑤 (MPa) 2 × 105
Poisson’s ratio 𝜈𝑐 , 𝜈𝑝, 𝜈𝑤ℎ and 𝜈𝑤 0.3
Eccentric shaft length parameter 𝐿1 18
Eccentric shaft length parameter 𝐿2 10
Friction coefficient 𝜇𝑒 and 𝜇𝑒𝑐 0.01
Friction coefficient 𝜇𝑐 and 𝜇𝑝 0.002
Damping coefficient 𝑐𝑒 and 𝑐𝑒𝑐 (N s/mm) 0.001
Damping coefficient 𝑐𝑐 and 𝑐𝑝 (N s/mm) 0.002
Fig. 10. Diagram of the forces on the eccentric input shaft.

For the case of multiple cycloidal gears, the relevant load parameters 
are uniformly distributed according to the number of cycloidal gears 𝑛𝑐
in the CDFM, and the input torque 𝐓𝑖𝑛 = 𝑛𝑐𝐓𝑒.

During the transmission process, there are fluctuations in the trans-

mission ratio of the cycloidal gear due to the presence of clearance. 
The overall motion is translated into the rotational coordinate system 
in the eccentric shaft, where the transmission ratio from the pin gear 
to the cycloidal gear is defined as 𝐼𝑝𝑐 , and the transmission ratio from 
the pin-hole to the output pin is 𝐼𝑤ℎ𝑤. Through the conservation of 
non-frictional power in transmission, the contact torque can be used to 
calculate 𝐼𝑝𝑐 and 𝐼𝑤ℎ𝑤, and the overall actual transmission ratio 𝐼𝑒𝑝,𝑎 is 
as follows:

𝐼𝑝𝑐 =
𝑇𝑐,𝑐

𝑇𝑝,𝑐
, 𝐼𝑤ℎ𝑤 =

𝑇𝑤,𝑐

𝑇𝑤ℎ,𝑐

, 𝐼𝑒𝑝,𝑎 =
1

1 − 𝐼𝑝𝑐𝐼𝑤ℎ𝑤

. (48)

Further, calculate the instantaneous average efficiency:

𝜂𝑒𝑝 =
𝑇𝑜𝑢𝑡

𝐼𝑒𝑝,𝑎𝑇𝑖𝑛
(49)

4. Simulation experiments and discussion

To demonstrate and test the application of the CDFM, we set up ex-

periments to analyze the performance of a cycloidal drive with different 
parameters and focus on the effects of geometric deviations, teeth num-
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bers, and friction coefficients on the cycloidal drive.
4.1. Effects of geometric deviations on cycloidal drive

First, we set up three sets of different geometric deviations shown 
in Table 1 to show the effects of geometric deviations. Among them, 
case A is an ideal cycloidal drive model without clearance and ignores 
the influence of eccentric shaft stiffness as an ideal theoretical reference 
model; case B uses the same basic design parameters based on case A 
but considers the clearances, where the eccentricity deviation of the 
eccentric shaft is positive; case C adjusts the eccentricity deviation of 
the eccentric shaft to negative based on case B. The above models with 
clearance deviations all adopt the same deviation size, and there is only 
a difference in direction, equivalent to assuming the same tolerance 
value.

Under the conditions of clockwise load torque 𝑇𝑜𝑢𝑡 = 60 Nm (6 ×104
Nmm), counterclockwise input speed 𝜔𝑒 = 200 rad/s, and eccentric 
shaft angle 𝜃𝑒 = 0 rad, the force states of the cycloidal gears were sim-

ulated for the three sets of geometric parameters. The force states of 
the cycloidal gears are shown in Fig. 11, where the size of the forces is 
proportional to the length of the corresponding lines, but the lines rep-

resenting friction forces 𝐹𝑓 are enlarged 30 times than contact forces 
𝐹𝑐 for clarity.

4.1.1. The load capacity of the cycloidal drives in case A, B, and C
The load capacity of cycloidal drives can be evaluated regarding 

contact forces and stresses. The lower the contact stress at the same 
load, the better the load capacity. Fig. 12 shows the contact forces and 
stresses on the roller pins for the condition of clockwise loading torque 
𝑇𝑜𝑢𝑡 = 60 Nm, input counterclockwise speed 𝜔𝑒 = 200 rad/s, and eccen-

tric shaft angle 𝜃𝑒 = 0 rad. Fig. 13 shows the forces and contact stresses 
of the output pins under the above conditions. Only the roller pins in 
contact and output pins in contact are shown. Fig. 14(a) shows the con-

tact force between the cycloidal and the eccentric shaft in the above 
condition, where 𝜃𝑒 ∈ [0, 2𝜋].

In Fig. 12(a), it can be seen that in the ideal case A with no clear-

ances, the meshing force on the rollers is significantly lower than in 
other non-ideal cases with clearances since almost half of the rollers are 

engaged. Case C, which uses a negative eccentric shaft deviation, has 
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Fig. 11. Force state of the cycloidal gear in (a) case A, (b) case B, and (c) case C.

Fig. 12. (a) The contact forces of the roller pins, and (b) The contact stresses of the roller pins in case A, B, and C.

Fig. 13. (a) The contact forces of the output pins, and (b) the contact stresses of the output pins in case A, B, and C.

Fig. 14. (a) The contact force between the cycloidal gear and eccentric shaft, and (b) the contact force on input shaft in case A, B, and C.
more roller pins in contact and smaller maximum contact forces than 
case B, with a positive eccentric shaft deviation. However, the contact 
force does not directly affect the load-carrying capacity, and further 
analysis of the contact stress through the contact curvature needs to be 
considered.

In Fig. 12(b), although the maximum contact force is more signifi-

cant in case B, its contact stress is smaller than in case C, which may 
be because case C has a smaller equivalent contact radius (the contact 
412

positions are slightly different from B).
In Fig. 13, the ideal case A also has more output pins in contact. Case 
B and C have almost the same output pin contact forces and stresses, 
which may be because they have the same parameters in output pins.

Fig. 14 reflects the contact force between the eccentric shaft 𝐹𝑒𝑐,𝑐

and the cycloidal gear, the contact force on input shaft 𝐹𝑒,𝑐 as the ec-

centric shaft rotates from 0 to 2𝜋 in the three cases. 𝐹𝑒,𝑐 and 𝐹𝑒𝑐,𝑐 are 
proportional and the analysis focuses on 𝐹𝑒,𝑐 , as Equation (47). In case 
B with positive eccentric shaft deviation, the contact force between the 

eccentric shaft and the cycloidal gear is the largest, and the fluctuation 
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Fig. 15. (a) Transmission error under no-load conditions, and (b) transmission error under load conditions in case A, B, and C.

Fig. 16. (a) The transmission error with the external load when the eccentric shaft is locked, and (b) the transmission stiffness with the external load in case A, B, 

and C.

is the most severe, which may be related to the positions of roller pins 
in contact in case B, which bring a greater pressure Angle. Excessive 
eccentric shaft contact force is more likely to cause damage to the ec-

centric shaft bearing, which is also a basic form of damage in cycloidal 
drive.

In summary, the different deviations in the geometric parameters 
and clearance will decrease the load capacity of the cycloidal drive in 
different ways. The positive or negative deviations of the eccentric shaft 
significantly impact the load capacity, and the negative deviation shaft 
deviation is more beneficial for load capacity mainly related to the re-

duction of the equivalent contact radius.

4.1.2. The accuracy, backlash, and stiffness of the cycloidal drives in case 
A, B, and C

The transmission error can reflect the accuracy of a cycloidal drive. 
The transmission error is the difference between the actual output angle 
and the theoretical ideal output angle; the smaller the error, the higher 
the accuracy. Fig. 15 shows the transmission error of the cycloidal drive 
under the no-load (𝑇𝑜𝑢𝑡 = 0 Nm) and load (𝑇𝑜𝑢𝑡 = 50 Nm) condition 
for one revolution of eccentric shaft (𝜃𝑒 ∈ [0, 2𝜋]) at counterclockwise 
speed 𝜔𝑒 = 200 rad/s.

The transmission error under the no-load condition includes only 
the error generated by the clearance. Transmission error under the load 
condition has clearance error and additional deformation error. For 
the ideal case A, the transmission error without load is zero, and the 
transmission error with load fluctuates slightly. In the other cases with 
clearance, the gears are no longer perfectly meshed due to geometric 
parameter deviations. They exhibit significant transmission errors with 
fluctuations both with and without load.

It should be noted that the above error curves all exhibit the charac-

teristics of overall offset and periodic fluctuation, where the overall off-

set mainly comes from the transmission lost motion, which significantly 
affects the absolute transmission accuracy. In contrast, the fluctuation 
reflects the relative accuracy.

The two non-ideal cases have similar relative accuracy, and the 
absolute transmission accuracy in case B with positive eccentric shaft 
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deviations is better than that in case C.
Fig. 17. Transmission efficiency in case A, B, and C.

Transmission backlash and stiffness are essential transmission per-

formance indicators impacting transmission accuracy.

Fig. 16(a) shows the transmission error with the external load from 
0 to 50 Nm when the eccentric shaft is locked. At an external load of 
0, the transmission error here is the backlash. The transmission error 
will increase as the external load increases due to deformation. Back-

lash and deformation cause the lost motion problem, reducing absolute 
transmission accuracy and introducing unstable nonlinear effects into 
the robot joint servo system. Case B has a smaller backlash than case C, 
consistent with the results in Fig. 15.

Fig. 16(b) further shows the transmission stiffness for external loads 
from 0 to 50 Nm based on Fig. 16(a). It can be seen that the trans-

mission stiffness of the cycloidal drive increases as the external load 
increases. There are abrupt changes in the transmission stiffness vari-

ation of the two non-ideal cases, possibly due to the increase in the 
number of contact points as the load increases.

Overall, the non-ideal case with clearance has a larger backlash and 
lower transmission stiffness than the ideal case. Positive eccentric shaft 
deviations have advantages in backlash compared to negative devia-

tions.

4.1.3. The efficiency of the cycloidal drives in case A, B, and C
Transmission efficiency is essential for a cycloidal drive and is par-

ticularly important in highly dynamic robotic and flexible collaborative 
robot applications. Fig. 17 shows the variation of the transmission ef-
ficiency under the clockwise load 𝑇𝑜𝑢𝑡 = 60 Nm and counterclockwise 
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Fig. 18. Force state of the cycloidal gear in (a) 𝑧𝑝 = 20, (b) 𝑧𝑝 = 30, (c) 𝑧𝑝 = 40, (d) 𝑧𝑝 = 50, and (e) 𝑧𝑝 = 60.

Table 2

Experimental parameters with different teeth numbers.

Parameters Value

Teeth number of pin gear 𝑧𝑝 20 30 40 50 60
Teeth number of cycloidal gear 𝑧𝑐 19 29 39 49 59
Ideal eccentric distance 𝑒 (mm) 1.2 0.8 0.6 0.48 0.4
Ideal roller pin radius 𝑟𝑝 (mm) 2.25 1.5 1.125 0.9 0.75
Ideal output pin-hole radius 𝑟𝑤ℎ (mm) 4.7 4.3 4.1 3.98 3.9
Ideal roller pin distribution radius 𝑅𝑝 (mm) 30
Ideal output pin radius 𝑟𝑤 (mm) 3.5
Curtate coefficient 𝐾1 0.8
speed 𝜔𝑒 = 200 rad/s condition for one revolution of eccentric shaft 
(𝜃𝑒 ∈ [0, 2𝜋]).

The transmission efficiency varies at different eccentric shaft angles, 
and there are fluctuations in efficiency even in the ideal case A. As 
mentioned earlier, there is a transmission error even in case A from 
contact deformation, which is one of the reasons for the fluctuation 
of efficiency. In addition, the damping friction at the contact point is 
also one reason. Efficiency fluctuations introduce additional disturbing 
torque into the control of the robotics joint motors.

Comparing the three cases, case C has the highest efficiency, and 
case B has the lowest efficiency. The reason for this requires further 
analysis in Section 4.3.

4.2. Effects of teeth number of pin gear on cycloidal drive

For drives employed in robots, especially high dynamic robots, its 
transmission ratio is closely related to robot performance. For cycloidal 
drives, the transmission ratio and the teeth number of pin gear satisfy 
Equation (3). In this study, we use the CDFM to discuss the effect of the 
teeth number of pin gear, i.e., the transmission ratio on the cycloidal 
drive by simulation analysis, and provide recommendations for the se-

lection of reduction ratio for application in robotics.

In this study, based on the case C simulation parameters, five differ-

ent teeth number cases of 𝑧𝑝 = 20, 𝑧𝑝 = 30, 𝑧𝑝 = 40, 𝑧𝑝 = 50, and 𝑧𝑝 = 60
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were simulated. Meanwhile, to discuss the effect of teeth number more 
accurately individually, the same ideal roller pin distribution radius 𝑅𝑝, 
curtate coefficient 𝐾1, and ideal output pin radius 𝑟𝑤 are used for the 
five different tooth numbers of the cycloidal drive, and the ideal eccen-

tric distances 𝑒 are obtained by using 𝐾1 according to the Equation (7), 
the ideal roller pin radiuses 𝑟𝑝 were scaled by 𝑒. The ideal output pin-

hole radius 𝑟𝑤ℎ was obtained by 𝑒 according to the Equation (1). The 
above parameters are organized into Table 2, and the other geometric 
and simulation parameters are consistent with case C. The force states 
of the cycloidal gears are shown in Fig. 18.

4.2.1. The load capacity of the cycloidal drives with different teeth 
numbers

Similarly, we analyzed the effect of 𝑧𝑝 on the load capacity of cy-

cloidal drives through the contact forces and contact stresses of the 
roller pins (Fig. 19) and output pins (Fig. 20), the contact force be-

tween the cycloidal gear and eccentric shaft, and the contact force on 
input shaft (Fig. 21) to analyze the effect of 𝑧𝑝 on the load capacity of 
cycloidal drives.

The numbers of teeth in contact are different in cases with different 
𝑧𝑝 under loading. The larger 𝑧𝑝 is, the more teeth are in contact, and 
the smaller the maximum contact force of the needle roller is. But since 
a large 𝑧𝑝 leads to a smaller equivalent contact radius, the larger 𝑧𝑝 is, 
the higher the maximum contact stress of the roller pin is.

Since the radius 𝑟𝑤 and distribution radius 𝑅𝑤 of the output pins 

are the same in five cases, the change of 𝑧𝑝 has less effect on the con-
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Fig. 19. (a) The contact forces of the roller pins, and (b) the contact stresses of the roller pins in cases with different teeth numbers.

Fig. 20. (a) The contact forces of the output pins, and (b) the contact stresses of the output pins in cases with different teeth numbers.

Fig. 21. (a) The contact force between the cycloidal gear and eccentric shaft, and (b) the contact force on input shaft in cases with different teeth numbers.

Fig. 22. (a) Transmission error under no-load conditions, and (b) transmission error under load conditions in cases with different teeth numbers.
tact force of the output pin. But the increase of 𝑒 further leads to the 
decrease of the ideal output pin-hole radius 𝑟𝑤ℎ. It increases the equiv-

alent contact radius, decreasing the contact stresses of the output pins 
as 𝑧𝑝 increases.

As 𝑧𝑝 increases, the contact positions of the pin gear are slightly 
changed, which leads to a larger pressure angle and a larger contact 
force of the eccentric shaft and input shaft.

4.2.2. The accuracy, backlash and stiffness of the cycloidal drives with 
different teeth numbers

The no-load transmission error and load transmission error fluctu-
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ations do not change much as 𝑧𝑝 increases with geometric deviations 
(Fig. 22(a)). However, since the change in 𝑧𝑝 affects the position of the 
needle rollers involved in the contact, as 𝑧𝑝 increases, its transmission 
lost motion increases, and the offset in the no-load error curve increases. 
The number of teeth in contact increases with 𝑧𝑝, which reduces the 
contact deformation, causing the transmission stiffness to increase with 
𝑧𝑝 (Fig. 23(b)). As the load increases, the number of teeth in contact in-

creases, and the stiffness gradually increases. Although a large 𝑧𝑝 leads 
to a larger lost motion, the transmission error is gradually smaller due 
to its better stiffness than that of a small 𝑧𝑝 as the loading increases 
(Fig. 23(a)), which is reflected in (Fig. 22(b)), the offset of the load 

error curve decreases as 𝑧𝑝 increases.
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Fig. 23. (a) The transmission error with the external load when the eccentric shaft is locked, and (b) the transmission stiffness with the external load in cases with 

different teeth numbers.

Fig. 24. Transmission efficiency in cases with different teeth numbers.

4.2.3. The efficiency of the cycloidal drives with different teeth numbers

As shown in Fig. 24, under the same friction and load conditions, 
the efficiency of the cycloidal transmission decreases significantly as 𝑧𝑝
increases. In other words, increasing the transmission ratio will reduce 
efficiency significantly, which is consistent with the conclusion of our 
previous study [24]. This point needs to be emphasized in applying 
cycloidal drives in robotics, where the selection of the reduction ratio 
is closely related to the transmission efficiency (friction).

4.3. Effects of friction coefficients on the efficiency of cycloidal drive

The efficiency of a cycloidal drive is very important in practical 
applications. In the previous analysis, the effect of geometrical devi-

ations and the number of teeth (transmission ratio) on the efficiency 
has been discussed. In the CDFM, four main types of friction are con-

sidered: the friction between pin gear and cycloidal gear, the friction 
between output pins and pin-holes, the friction between eccentric shaft 
and cycloidal gear, and the friction on input shaft. In this study, we 
discuss the impression of the four positional frictions on the overall ef-

ficiency by simulating the changes of friction coefficients 𝜇𝑐𝑝, 𝜇𝑐𝑤, 𝜇𝑐𝑒, 
and 𝜇𝑒 corresponding to the frictions mentioned above on the transmis-

sion efficiency. The degree of influence.

The simulation parameters for case C served again as the foundation 
for analyzing the transmission efficiency. Each of the friction coeffi-

cients 𝜇𝑐𝑝, 𝜇𝑐𝑤, 𝜇𝑐𝑒, and 𝜇𝑒 was individually chosen while setting the 
remaining friction coefficients and damping coefficients at 0. The simu-

lation adjusted the selected friction coefficient incrementally from 0 to 
0.1 in steps of 0.001 to get the corresponding efficiency. The resultant 
efficiency was calculated for 𝜃𝑒 = 0.

Fig. 25 shows the variation of the transmission efficiency with the 
change of friction coefficients obtained by the above simulations. It is 
easy to understand that the transmission efficiency will decrease no 
matter which friction coefficient increases (friction increases). How-

ever, the effects of different friction coefficients on efficiency are signif-

icantly different. 𝜇𝑐𝑝 and 𝜇𝑐𝑤 have a minor effect on the transmission 
efficiency, and 𝜇𝑐𝑒, and 𝜇𝑒 exert a substantial effect on the efficiency, 
with 𝜇𝑐𝑒 having the largest effect on the efficiency.

From Fig. 12(a), Fig. 13(a), Fig. 14(a), and Fig. 14(b), it can be seen 
that the eccentric shaft and input shaft have the more significant contact 
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force in the cycloidal drive and also has the highest speed, which results 
Fig. 25. Transmission efficiency in cases with different friction coefficients.

high friction on it as well as a high friction power. Therefore, the friction 
on the eccentric shaft and input shaft has the more significant effect on 
the efficiency, especially the eccentric shaft, which also explains the 
difference in efficiency between the three cases in Section 4.1.3, where 
the crankshaft and input shaft forces are smaller in case C, so case C has 
higher efficiency.

4.4. Discussion

The numerical model method CDFM was used for the simulation 
experiments above, which considered the clearance, deformation, and 
friction in cycloidal drives.

We analyzed the effects of geometric deviations, teeth number 
(transmission ratio), and friction coefficients on cycloidal drives. The 
clearance caused by geometric deviations reduces the load capacity, ac-

curacy, and stiffness of cycloidal drives but improves the transmission 
efficiency to some extent, in which the positive and negative eccen-

tric deviations will have different effects on the performance. Under 
the same size, increasing the number of teeth will increase the maxi-

mum contact stress of the pin gear, increase the contact force on the 
eccentric shaft and input shaft, and increase the lost motion, but it will 
reduce the contact stress of output pins and improve the transmission 
stiffness. Increasing the number of teeth (transmission ratio) will sig-

nificantly reduce the efficiency, which is very important. By analyzing 
the effects of different friction coefficients on efficiency, the study in-

dicates that the friction with the most significant effect on efficiency 
comes from the eccentric shaft and input shaft. For the need to im-

prove efficiency, we recommend increasing the appropriate clearance 
in cycloidal drives, reducing the transmission ratio of cycloidal drives, 
improving the lubrication, especially of the eccentric shaft and the input 
shaft, and designing to reduce the contact force between the eccentric 
shaft and the input shaft.

The simulation above reflects that many parameters influence the 
characteristics of the cycloidal drive, and a fast simulation method is 
necessary for cycloidal drive design. The CDFM uses the Levenberg-

Marquardt algorithm to solve nonlinear equation groups. The PC used 
for calculation has an Intel i7-9750H CPU and 32 GB of memory. The 
solving time is related to the parameters of the cycloidal drive, such as 
the number of roller pins. For one given state, the average simulation 

time for “𝑧𝑝 = 30” is less than 3.5 s, and the average simulation time for 
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“𝑧𝑝 = 60” is less than 5.5 s. The faster simulation speed of the method 
is suitable for use in multi-parameter optimization design.

It should be noted that the simulation results in this study are math-

ematically valid. However, they may not directly and accurately corre-

spond to the parameters of the actual cycloidal drive, which is because 
some physical constants need to be determined according to existing 
conditions, and the analysis ignores the influence of a small part of other 
factors, such as the bending deformation of the output pins. The friction 
coefficient and damping coefficient significantly impact the accuracy of 
efficiency analysis and must be correctly given based on actual lubri-

cation conditions and friction forms. Accurate physical constants can 
improve the accuracy of predictions.

Although the prediction given by the method proposed in this study 
is not a perfect absolute performance prediction result, it can provide a 
relative prediction result that meets the needs of optimization design.

5. Conclusion

This paper proposes a numerical analysis method CDFM for design-

ing and optimizing cycloidal drives used in high-dynamic robots. This 
method considers clearance, deformation, and friction to calculate the 
position of the contact point, contact friction force, contact force, and 
contact stress during the quasi-static transmission of cycloidal drives. 
The proposed method considers geometric parameter deviations, clear-

ance, contact deformation, and contact friction to predict transmission 
accuracy, backlash, stiffness, and efficiency of the cycloidal drive.

Using the CDFM, the performance indicators of cycloidal drives with 
different parameters are simulated to analyze the effects of geometric 
deviations, teeth number (transmission ratio), and friction coefficients 
on cycloidal drives. The study shows that multiple parameters and pa-

rameter deviations influence cycloidal drives, and the proposed method 
provides good solution efficiency and is suitable for multi-parameter 
optimization design.

It is important to note that the method proposed in this paper 
enables relative performance prediction. However, obtaining accurate 
physical constants, such as friction coefficients, is necessary for accurate 
absolute performance prediction. Therefore, identifying physical con-

stants through suitable design methods is essential for future research. 
Further development of the dynamic method based on the quasi-static 
model proposed in this paper is also important for future research.
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